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1. 0 INTRODUCTION 

This report presents the results of a preliminary study concerning 
the use of high speed turbomachinery in a solar-assisted Rankine cooling 
cycle. The use of Rankine cycles in solar powered cooling of buildings in
volves a solar collector to provide energy to heat and vaporize a working 
fluid. Energy is extracted from this vapor in an expansion engine that is 
used to drive an air conditioning vapor compressor. In a typical Rankine 
cycle, the maximum temperature at the inlet to the expander is limited to 
the temperature of the fluid leaving the solar collector. Because of the 
relatively low temperature capability associated with inexpensive collectors 
the efficiency of the Rankine cycle is generally low. This low efficiency re
sults in low coefficient of performance values for the solar powered cooling 
system. 

In an effort to improve Rankine cycle efficiency, a solar-assi sted 
approach was presented in NSF report RA-N-75-012, by Dr. Henry Curran. 
In this approach solar energy vaporizes the working fluid at a low tempera
ture using solar collectors; the vapor is subsequently superheated to a higher 
temperature using fossil fuel, thereby allowing the potential of much im
proved Rankine cycle efficiency as compared to a typical cycle. Water was 
selected as the working fluid to avoid problems associated with chemical 
stability of organiC fluids at high values of expander inlet temperature. A 
maximum steam temperature of 1100°F was suggested to achieve Rankine 
cycle efficiencies on the order of 25%. The solar-assisted Rankine cycle 
was shown by Dr. Curran to offer a substantial cost advantage over conven
tional absorption machinery. Key elements in achieving this performance 
improvement are the efficiency of the Rankine cycle vapor expander and the 
performance of the vapor cycle. In Dr. Curran's study, an expander effic
iencyof 82% and an air conditioning COPvc of 4.0 was assumed. Addition
ally, no losses were included for drive efficiency, implying a direct drive 
between the vapor expander and the air conditioning compressor. 

The intent of the present study was to identify the performance po
tential of practical turbine expanders and vapor compressors, and provide 
preliminary definition of the hardware. The remainder of this report pre-
sents the results obtained during this study. . 

2.0 SUMMARY 

A variety of turbo-expanders were considered for use in the solar
assisted Rankine cooling system. Among these were: 1) single and multi
stage, pressure-compounded, axial flow turbines; 2) multi-row, single disc. 
radial flow turbines; 3) turbines favoring low specific speed, such as velocity 
staging, and advanced turbine concepts such as high reaction, panial admis
sion turbine stages. 

The potential performance of these turbi,ne concepts was estimated 
using empirical correlations verified by years of testing and turbine perfor
mance evaluation by Barber-Nichols. The non-dimensional coefficients of 
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specific speed (Ns), specific diameter (Os), Mach number (M '.), and Rey
nolds number (Re) were used to estimate potential efficiency and losses 
associated with each concept. Perfar mance was exami ned over a range of 
power levels from 1 hp to 75 hp, and at speeds consistent to match the 
characteristics of the vapor compressor. Thi s power level corresponds 
to the cooling cycles of Dr. Curran's townhouse cooling (1 hp) and to the 
recent NASA-Marshall RFP's (up to 75 tons). 

The basic concept involves the use of auxiliary fuel to obtain a higher 
maximum temperature than can be achieved with available low co!:?t collectors. 
This higher temperature allows higher Rankine cycle efficiency because of 
the greater temperature difference between the maximum and sink tempera
tures. Fluid conditions selected for the present study were: 

Maximum steam temperature 
Saturated collector temperature 
Condensing temperature 

1100°F 
320 0 p 
120°F 

The absolute values of cooling loads and efficiencies calculated herein are 
strictly applicable only for the selected cycle conditions. General conclusions 
reached as a result of the study may be considered valid for any high tempera
ture steam Rankine cycle at the levels of output power examined. 

The high steam temperature and the specified cycle conditions result 
in a steam available energy to the turbine of 448 Btu/lb. The effect of the 
high energy level on turbine design and performance is two-fold. First, in 
order to efficiently convert the energy to shaft power, a high turbine blade 
speed related to the available energy is required. Approximately 2-4 pres
sure compounded stages are necessary to avoid damaging stress levels at 
turbine blade speeds consistent with optimum turbine stage performance. 
The second consideration involves turbine flow rate. For example, for one 
net horsepower and assuming an overall efficiency of 60%, the turbine flow 
rate is 9.5 lb/hr of steam. This low flow rate and the high steam energy 
and veloci ty result in low values of turbine stage specific speed. Specific 
speed was used as the correlating performance parameter since it relates 
optimum achievable performance to design variables, such as passage size. 
blade height, and arc of admission. Additionally, years of correlating ex
perience have verified the applicability of this parameter in estimating over
all performance of the turbine concepts considered in this study. 

Values of turbine efficiency (.82) and COPvc (4.0) used in Dr. Curran's 
report in evaluating the solar-assisted Rankine cycle were found to be reason
able at levels of cooling capacity greater than about 20 tons. Below this capa
city, turbine efficiency falls off because of practical limitations which prevent 
optimum aerodynamic configurations as discussed above. Conventional tur
bine stages in the range of 1-3 hp operating at the above speeds would achieve 
a maximum efficiency of from 50- 62% and require 4-6 pressure compounded 
stages. An advanced turbine concept could be utilized to achieve maximum 
efficiencies on the order of 70%, but extensive development effort would be 
required since this concept is presently of unproven design. Multi -blade row 
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single disc turbines may eventually offer a cost advantage over complex 
axial flow turbines; however, in every case examined during this prelimi
nary study, a performance penalty, as compared to the axial flow turbines. 
was indicated. Estimated vapor compressor efficiencies ranged from 65 
to greater than 70% for cooling capacities of 1-75 tons. Compressor con
siderations also show optimum rotational speeds of 50,000-80,000 rpm for 
the turbocompressor. 

In conclusion, the solar-assisted Rankine cycle can offer substantial 
performance advantage over saturated or low temperature cycles. Care 
must be exercised, however, in selecting the power level and area of appli
cability in order to achieve acceptable levels of performance of the rotating 
machinery. 

3.0 VAPOR COMPRESSOR MATCHING 

The vapor compressor component is an important element in the 
solar-assisted cooling cycle. Compressor efficiencies in the range of 70% 
are required to achieve the value of COPvc (4.0) reported in Reference 1. 
Additionally, in order to avoid power losses associated with typical speed 
reducers, it is desirable to operate the vapor compressor at the same ro
tational speed as the turbine. Since the compressor generally favors a 
lower rotational speed than the turbine, the individual performance character
istics of these components must be considered in selecting the rotational 
speed of the turbocompressor unit. Barber- Nichols has designed and tested 
several high speed vapor compressors operating on R -113 at 2-3 tons cooling 
capacity. These units operated in the range of 50,000 rpm. and efficiencies 
greater than 70% were achieved at pressure ratios of about 7: 1. These data 
were used to bracket the vapor compressor performance in this study. 

The following section describes a brief analysis performed to deter
mine the suitability of direct coupling the vapor compressor to the expander 
in the solar-assisted Rankine cycle and to evaluate the overall effect on sys
tem performance. 

3. 1 CYCLE CONDITIONS 

A 45 OF evaporator and a 120°F condenser were selected for the air 
conditioning cycle (Ref. 1). An ideal horsepower per ton (. 81) was calcu
lated for several working fluids and a compressor efficiency of . 68-. 70 was 
estimated to achieve COP vapor cycle = 4.0 and a required input power to 
the va~)or compressor of 1. 2 hp/ton. This va lue can be used to convert de
live:(ed turbine horsepower to nominal system cooling capacity. 

The optimum refrigerant selected for any given application is a func
tion of cooling capacity and desired operating characteristics. For values 
of cooling capacity less than about 10 tons and uti li zing a centrifugal com
pressure, R -113 is generally considered a good candidate fluid. Increased 
capacity generally favors fluids Buch as R -11. These fluids \"ere used to 
estimate volumetric flow rates and capacities for the centrifugal compressor 
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in the air conditioning system. 

3. 2 COMPR ESSOR OPER A TI NG CHA RA CTER 1ST} CS 

Based on Barber- Nichols' previous experience, overa 11 compressor 
efficiency can be estimated using compressor specific speed as a correla
ting parameter. For purposes of this study, specific speed was based on 
inlet volume flow: 

Ns = 

where N 
Q 
~Hs 

= 
= 
= 

rotational speed, rpm 
volumetric flow rate, ft3/sec 
isentropic head ri se, ft 

Values of specific speed of from 80-120 are required in order to 
achieve optimum efficiencies. Values of compressor capacity of from 1-75 
tons were examined. At low power levels, in the range of 3-10 hp, compres
sor speeds in the range of 50-80,000 rpm can be utilized to achieve efficiencies 
in the range of 70-75%. Below 3 hp, compressor size and Reynolds number 
effects combine to lower efficiency to the range of 65-70% at a similar speed 
range. At a capacity of 75 tons, the optimum compressor speed was calcu
lated to be 30-40,000 rpm. The optimum speed can be increased, however, 
to about 60,000 rpm by utilizing a double inlet to the centrifugal compressor 
or axial flow compressor stages. 

In conclusion, over the range of cooling loads examined, a direct 
coupled compressor, operating at rotational speeds of from 50- 80,000 rpm 
can achieve acceptable performance levels to maintain a COPve of 4.0 at 
120°F condensing temperature. Appropriate selection of refrigerant and 
detail design of the compressor will be dependent on the cooling capacity 
and required system operating characteristics. 

4.0 AXIAL FLOW TURBO-EXPANDER CONCEPTS 

The steam expanders considered in this report were limited to high 
speed turbomachinery. Lower speed positive displacement machinery has 
also been discussed for use in high temperature steam engines. Develop
ment problems associated with reliability and performance, and limited ex
pansion ratios are felt to preclude consideration of these engines in the 
solar-assisted cycle. Steam turbines have been used for years at similar 
steam conditions and a wealth of information is available from which design 
constants and material selections can be obtained. A variety of a>''lal flow 
turbo-expanders were considered for use in the solar-assisted Rankine 
cooling cycle. Single and multi-stage axial flow turbines generally represent 
years of development. The predicted levels of performance should be con
sidered achievable with a relatively small amount of development. Other 
turbine concepts considered in this section of the report include velocity 
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compounded stages and a unique low volumetric flow turbine. 

A detailed assessment of turbine costs were beyond the scope of the 
present study. General comments relating to relative costs and required 
development effort are found in respective sections of this report dealing 
with the specific turbine concepts. 

4.1 SINGLE AND MULTI-STAGE AXIAL PLOW TURBINES 

4. 1.1 Turbine Description 

The turbine evaluated was a conventional axial flow turbine containing 
from 1-6 pressure compounded stages. Pigure 1 shows a typical axial flow 
turbine stage. 

4. 1. 2 Performance Evaluation 

The cycle evaluated was a solar-assisted Rankine cycle operating 
between a maximum steam temperature of 1100 0 p and a condensing tempera
ture of 120o P. The saturated collector temperature was 320o P. Conventional 
axial flow turbines were evaluated over a wide range of speeds, horsepower 
levels, and stage numbers as shown in Table I. 

4.1.2,1 Assumptions 

Prior to proceeding with any calculations, a number of assumptions 
had to be made because of the interrelationship between a large number of 
parameters. Por example, the efficiency of each stage is affected by the 
head drop across each stage and this, in turn, affects the overall efficiency 
and performance of the turbine. 

The primary assumption made was that the head drop was equal across 
each stage. Based on previous experience in calculating turbine performance. 
the final efficiency with optimized head drop per stage is very close to that 
calculated with equal head drop per stage. In addition, this assumption gen
erally allows nearly constant wheel diameter for the stages since the optimum 
efficiency is related to the rotor blade speed divided by the available energy. 
The last stage head drop was corrected to insure that the steam expanded to 
the exit pressure of 1. 7 lb/in2, absolute, corresponding to 1200 p condensing. 

A second assumption was that the rotor tip speed was limited to 1500 
feet per second. This speed limitation was made to avoid damaging stress 
levels associated with very high blade speeds. 

A third asswnption was that turbines with specific speeds less than 45 
were partial admission and turbines with specific speeds greater than 45 were 
full admission. As can be seen from Pigure 2, this assumption increased the 
diagram efficiency for turbines with specific speeds less than 10 and also im
proved the efficiencies by about 3-6% for turbines with specific, speeds of 
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TABLE I 

SUMMARY OF AXIAL FLOW TURBINE EFFICIENCY 

HORSEPOWER 

1 25 75 

Stages rpm q t rpm 11 t rpm t'lt 
1 - - - - 25K 59.7% 

1 50K 38.3% - - 50K 58.9% 

1 - - 75K 57.0% 75K 58.4% 

1 - - 90K 56.1% - -

1 150K 34.8% 150K 55.2% 150K 46.6% 

2 - - - - 50K 75.5% 

2 - - 75K 72.6% - -
2 - - 90K 73.3% 90K 73.6% 

2 - - 150K 75.1% - -
4 - - - - 50K 79.1% 

4 75K 55.3% - - 75K 82.7% 

4 150K 57.9% - - 150K 77.9% 

6 - - 75K 79.6% - -
6 90K 54.9% 90K 81.2% - -
6 150K 57.7% 150K 82.3% - -
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10-25. The improved turbine efficiency for partial admi ssion turhines is 
the result of improved flow passages in the turbine blading. In general, low 
values of turbine specific speed correspond to low volumetric flow rates. 
Continuity of flow must be conserved in high efficiency blading, and low spe
cific speed stages consequently have typically small blade passage areas. 
As blades become extremely short, blading efficiency suffers. This problem 
is alleviated in partial admission turbines since, as the name implies, flow 
is admitted over a portion of the turbine periphery and the blading can be 
made correspondingly larger and more efficient. Not all the improved 
blading efficiency is realized, however, since partial admission turbines 
have other characteristic losses. These losses are termed scavenging and 
blade pumping loss, and represent flow losses occurring in the unadmitted 
turbine arc. Disc windage, blade pumping, and scavenging losses have pre
viously been estimated as a function of turbine specific speed (Ref. 2). and 
are included in the diagram efficiency. 

401.2.2 Method of Evaluation 

To evaluate the performance of the turbines listed in Table 1, the 
horsepower output desired, speed in revolutions per minute, and number of 
stages were selected. The overall isentropic drop in head between the pres
sure of the superheated steam (89. 7 psia) and the condensing pressure (1. 7 
psia) was evaluated from the Mollier diagram. To start the performance 
calculations, an overall turbine efficiency based on past experience was 
assumed. This overall efficiency with the selected horsepower and the over
all isentropic head drop was used to calculate a turbine mass flow rate from 
the equation 

VI = HP (550) 

IJ T D. H'id (778) 

where w is in Ibm/sec. 

The isentropic head drop per stage was then calculated from the 
equation 

R D. H"d 
D. H' /stage = 1 n 

where n is the number of stages and R is the reheat factor determined from 
the equation 

R=l+(RoO _1)(1_1)(1-17s) (Ref. 3) 
n 0.2 

where Roo is the reheat factor for an infinite number of stages of 80% stage 
efficiency and 71 s is the stage efficiency of the turbine under evaluation. 

The estimated value of ~ H' per stage and an estimated stage efficiency 
were then used to calculate an exit enthalpy for the first stage. The estimated 
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6H' per stage was also used to determine an exit pressure from the Monier 
diagram. The exit pressure and exit enthalpy were then used to determine 
an exit specific volume for the first stage from the steam tables. This exit 
specific volume along with the turbine mass flow rate was then used to deter
mine the stage volume flow rate in ft3/sec from the equation 

Qe = 1re W 

There are four similarity parameters, specific speed (Ns), specific 
diameter (Ds), machine Reynolds number (Re*), and Mach number (M'), that 
can be derived from a technique known as dimensional analysis, and can be 
used as convenient parameters for presenting the performance criteria of 
turbomachines. These four parameters along with rotor tip speed, rotor dia
meter, and ratio of rotor tip speed-to-isentropic spouting velocity were then 
calculated for the first stage using the following equations 

Ns = N JQe 
(6 H 'idsJ)3 /4 

U = (C~) (/2g J b.H's) 

= U (720) 
TrN Dia. 

U Ns Ds = 
Co 154 

and Re* 
U Diap = 12A 

where Ns = specific speed 
Ds = specific diameter 
N = rotor rpm 
J converts Btu/Ibm to ft-lb /lbm 
U = rotor tip speed 
g = 32.2 ft/sec2 
Co = isentropic spouting velocity 
Dia. = rotor diameter 
P = the exit fluid density 

A = the exit fluid viscosity 

The values of specific diameter (Ds) and diagram efficiency (17D) were deter
mined from Figure 2. The Mach number (M') was determined from the Mach 
tables at, = 1.3, using the pressure ratio across the stator. 
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4. 1.2.3 Determination of Losses 

A number of efficiency corrections, or losses, were evaluated. 
They included a correction for rotor tip speed if the rotor tip speed of a 
stage exceeded 1500 ftlsec, a correction for machine Reynolds number 
(Re*) if the Reynolds number was less than 1x,106, a leakage correction 
based on the equati()!l 

% leakage = Cl 
h 

where Cl is the rotor shaft seal clearance and h is the rotor blade height 
which was determined from Balje (Ref. 2) for either partial admission or 
full admission stages. The above relationship was used in the majority of 
the calculations to obtain an estimate of the stage leakage. The values of 
calculated leakage are conservative; that is, greater than anticipated in an 
optimally designed turbine since the sealing diameter can typically be less 
than the turbine rotor diameter, and staggered labyrinths can often be used 
to reduce seal flow coefficients. A detailed stage performance evaluation 
including optimized seal configuration would have required substantially 
more effort than was felt to be necessary to meet the goals of the present 
study. Where leakage losses were seen to have a significant influence on 
the conclusions of the study, a more detailed evaluation of stage leakage is 
provided. A Mach number correction was also included if the rotor inlet 
relative Mach number was greater than unity. The rotor inlet relative Mach 
number (AMR) was determined from the equation 

AMR = 0.94 (l-U/Co)M' 

where 0.94 is a function of the nozzle angle ~ and the nozzle velocity co
efficient yiN. 

4. 1. 2.4 Overall Turbine Performance 

To evaluate the overall efficiency of the stage, the diagram efficiency 
obtained from Figure 2 was multiplied by the losses to obtain an overall stage 
efficiency'rJ s, using the following equation 

'I s = 7( 0 (1]/1] 0 (U ICo» (i] 117 0 (Re*» (1] 1'"rJ 0 (AMR» (I-leakage fraction) 

where '1 If] 0 (U ICo) is the correction for rotor tip speed.> 1500 ft/sec 

'711] 0 (Re*) is the Reynolds number correction 

7'J ITJ 0 (AMR) is the inlet relative Mach number correction 

(I-leakage fraction) is the leakage correction that applied to all 
but the first stage. 

The calculated stage efficiency (*'f] s) was then used to recalculate the 
exit enthalpy and a head drop for the first stage. The entire procedure starting 
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with a new estimated stage efficiency was then repeated for all remaining 
stages. 

The final step was to add all the head drops for the individual stages 
and divide them by the isentropic head drop for the turbine to obtain the over
all turbine efficiency using the equation 

'1T = 

where b. Has is the actual head drop for each turbine stage. 

If the calculated turbine efficiency was markedly different from the 
estimated efficiency, it was necessary to recalculate the turbine efficiency 
starting from a new estimated turbine efficiency and new stage efficiencies. 

4e 1. 3 Results 

The results of the turbine performance evaluations are presented in 
Tables I and II. Table I shows the variation in turbine efficiency with stage 
number, horsepower output and rpm. Turbine speeds shown exceed limits 
for efficient compressor operation established in section 3.0, but were in
cluded for reference. Table II is the summary of the calculations for the 
six-stage, 90,000 rpm turbine at one and 25 horsepower. Detailed calcu
lations for these two turbo-expanders are presented in Appendix 1. 

As can be seen from Table II, the volume flow rate (Qe) for the 1 hp 
turbine is quite small compared to that of the 25 hp turbine. This results in 
a much lower specific speed, lower machine Reynolds number, and larger 
leakage losses as a percentage of total flow between stages. These factors 
all combine to lower the efficiency by approximately 32%. 

Figure 3 summarizes the performance for the turbo-expanders listed 
in Table I. The maximum attainable overall efficiency at turbine speeds 
consistent with required compressor speeds (see section 3.0) is presented as 
a function of horsepower output and number of stages. As may be noted in 
the figure, values of turbine efficiency of 82% are achievable utilizing 3-6 
pressure compounded stages and at output horsepowers greater than 20.' At 
stage numbers less than three, the turbine efficiency is lower, reaching a 
maximum of 62% for a single stage at 75 hp. The highest efficiency calcu
lated for one output horsepower is 59% utilizing five or six stages. 

4.2 LOW SPECIFIC SPEED STAGING 

4.281 Axial Turbine Stages 

Based on the results of the analysis presented in section 4. 1, the 
calculated specific speed (Ns) for the first turbine'stages is too low (Ns <: 20) 
to achieve high stage efficiency. For'this reason low specific speed staging 
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I 
I-' 
W 
I 

Stage 

1 

2 
3 
4 
5 
6 

Exit 

1 
2 
3 
4 
5 
6 

Exit 

Temp. 

1100 
1017 

931 
841 
757 
673 
566 

1100 
986 
869 
744 
613 
476 
3:7 

Psia h Qe 

89.64 1584 0.043 
52 1541.97 0.073 
29.5 1498.89 0.126 
16.2 1453.44 0.221 
8.5 1412.03 0.419 
4.25 1371.15 0.945 
1.7 1319.65 

89.64 1584 0.916 
53 1526.24 1.438 
31 1467.10 2.382 
17 1405.55 4.259 
8.6 1341. 75 7.884 
4 1277 .34 15.791 
1.7 1212.75 

TABLE II 
MJLTI-STAGE AXIAL TIJRBINE 

6 STAGE, 1 HORSEPOWER, 90,000 RPM, novera11 = 0.5490 

Blade 
Ns Ds U!CO Dia. Rc-- AMR Height 

4.5 12.8 0.375 1.98 3.8x105 0.55 0.036 

5.85 10.4 0.396 2.09 2.7x105 0.55 0.042 
7.7 8.5 0.427 2.25 1. 9x105 0.53 0.050 

10.18 5.7 0.377 1.99 0.9x105 0.61 0.056 
14.02 4.2 0.382 2.02 0.5x105 0.62 0.071 
18.61 3.4 0.411 2.36 0.4x105 0.69 0.130 

6 STAGE, 2500RSEPOWER, 90,000 RPM, noverall '" 0.8120 

21.27 3.1 0.428 2.22 5x10S 0.50 0.133 
26.64 2.6 0.458 2.38 4xl05 0.48 0.155 
34.3 2.2 0.501 2.60 3.2xl05 0.47 0.174 
45.86 1.8 0.542 2.81 2.4x105 0.46 0.169 
62.4 1.5 0.608 3.16 1. 9x105 0.42 0.253 
91.36 1.3 0.753 3.82 1.6xl05 0.28 0.573 

, 
Leakage ns 

0.490 

11.96 0.441 
10.08 0.476 
8.98 0.439 
7.07 0.442 
3.86 0.489 

0.695 
3.23 0.689 
2.87 0.720 
2.96 0.746 
1.98 0.760 
0.87 0.806 

tJta 

42.03 
37.91 
40.86 
37.68 

I 

37. 98
1 

49. 49
1 

I 

57.75 
57.25 
59.76 

I 

61.941 
, 

63.12 
63.95 

1"'-"' 
'-..-' 

{:2-

/-' 
,'...,,,,, 

(" 
~<I.:;r' 

'C~, 

l~(: 

4;lL::~ 

(7i 



>. u 
c: 
OJ 
u .... .... 
Q) 

C 
to... 
Q) 

~ 
E 
:J 

E 
)( 

c 
~ 

80 

60 

40 

20 

-- -- ---- " "-'\ \ \ \ 
\ \ \ \ -- ......... 

75 hp " 
25hp \ 

Cycle conditions: 

Maximum steam temp. IIOO°F 
Saturated collector temp. 320°F 
Condensing temp. 120°F 

OL--L--L--L--~~--~~--~--~~--~~~ 

1234567 
I I I I I I Stage No, 

100 80 60 40 20 0 

Horsepower 

XBL 7711-11303 

Fig. 3 Variation of Overall Turbine Efficiency with Stage Number 
and Power for Axial Flow Pressure Compounded Turbines 

-14-



was considered to improve turbine performance. These concepts are typi
cally designed to utilize residual steam velocity at the exit of a turbine stage. 
Several turbine concepts have been developed to accomplish this velocity 
utilization. 

If multiple blade rows are applied, the turbine is said to be velocity 
compounded. This is sometimes called Curtis staging and a typical two-row 
Curtis stage consists of four rows of blades: a convergent-divergent nozzle. 
a rotor, a stator whose funtion is guidance and not change of pressure. and 
another rotor. 

Analysis of the velocity compounded turbine indicates that the opti
mum speed ratiO, p , (blade speed divided by steam jet velocity) is between 
0.22 and 0.24 for two stages. This compares to a value of 0.45 for a single 
stage impulse turbine. Figure 4 is a comparison of the estimated efficiency 
of a two- stage, velocity compounded turbine compared to a single stage im
pulse turbine. As may be noted, at low speed ratios, the velocity compounded 
turbine offers a performance advantage over the single stage impulse turbine; 
however, the maximum efficiency at the optimum speed ratio is lower be
cause of higher blading frictional losses. In general, it was found that. if 
near optimum speed ratios could be obtained for a given turbine stage. the 
impulse stage rather than the Curtis stage obtained the highest stage efficiency. 

The primary area of application for a velocity compounded turbine 
stage is consequently one in which a high head drop per stage can be used to 
reduce the total number of stages in a multi-stage turbine that would other
wise require a large number of stages. Some penalty in performance must 
be tolerated, however, to allow a smaller overall turbine size and. there
fore, lower cost. 

4.2.2 Drag or Terry Turbines 

Other single disc turbines such as drag or terry turbines, in which 
the steam is directed against the same turbine rotor a number of times, 
displayed results similar to those of the velocity compounded turbine. Maxi
mum stage efficiencies bet\veen 40 and 50% were estimated for these turbine 
concepts at specific speeds less than 20. 

The advantages of the drag or terry turbine are ruggedness and low 
cost. However, a substantial efficiency penalty is predicted as compared to 
a single axial flow stage. Because of this efficiency penalty, terry turbines 
do not appear to be well suited for use in solar-assisted cooling cycles. 

4.3 LOW VOLUMETRIC FLOW TURBINE 

The axial flow concept considered in this section was originally pro
posed by the Nuclear Power Field Office, R & T Department, Fort Belvoir, 
Virginia. Although this concept is in the conceptual phase and has not been 
fabricated or tested, a preliminary analysis (Ref. 4) and design were com
pleted by Barber-Nichols. The LVFT is discussed in this section since it 
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was conceived particularly for use in areas of low turbine specific speed. 
At levels of output power between 1 and 3 hp, and for the conditions of the 
present study, the values of specific speed calculated for the turbine are 
in a range where the LVFT can offer a performance advantage in a Illulti
stage configuration. 

The following section discusses the concept and estimated perfor
mance. 

4.3. 1 Description 

A schematic of this turbine concept is shown in Figure 5. Steam 
entering the turbine expends a portion of the available energy in nozzles 
arranged around the periphery of the stator. The steam, accelerated to 
Wheel speed, enters a plenum in the turbine rotor. Nozzles spaced around 
the rotor then expand and direct steam opposIte to the rotation of tbe tur
bine from which energy is extracted. As may be noted, this concept can 
result in a partial admission and partial emission turbine assembly. This 
allows optimally designed flow passages and high blading efficiency in cases 
of low turbine flow rates since not all the rotor periphery is filled with flow 
passages. 

A key element in achieving high turbine efficiency is the performance 
of the close clearance seals. Because of the importance of these elements 
a follow-on program was conducted (Ref. 5) to fabricate and test seal seg
ments in a simulated turbine design. Design cri teria for these seals was 
verified in the test program and primary seal leakage comparisons between 
predicted and actual data were found to be accurate. Because of the con
ceptual nature of this concept, some development effort is anticipated to ob
tain high efficiency and reliable performance. 

4.3.2 Estimated Performance 

The method of calculation used to predict overall turbine efficiency 
was similar to that presented in section 4.1 for the conventional aAial flow 
stages. Using calculated values of stage specific speed, stage efficiency 
was estimated from Figure 6. This diagram was constructed based on 
previous analysis and includes blading efficiency, windage losses, and 
seal leakage calculated as a function of turbine specific speed. Additional 
losses associated with Reynolds number, Mach number, and non-optimum 
U jCo were estimated and deducted from the diagram efficiency to obtain an 
overall stage efficiency. 

Calculated performance for a four-stage LVFT turbine at 1 hp and 
75, 000 rpm is summarized in Table III. These efficiencies were combined 
to yield an overall efficiency of 71% which is substantially greater than cal
culated for conventional axial flow stages at the same speed and pmver level. 
Additional study is needed to weigh the potential performance advantage of 
the LVFT applied in small solar-assisted cooling cycles against the develop
ment effort required to utilize this turbine concept. 
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TABLE III 

SUMMARY OF LVFT PERFORMANCE 

Stage Available Diameter, Ns Corrected 

Energy, in. Stage 

Btu/lb Efficiency 

1 123.3 3.94 3.0 58% 

2 123.3 4.58 4.3 67% 

3 123.3 4.58 6.5 65% 
4 136.9 4.58 10.9 62% 

-20-



~ .~ '1 :.l 
£;.. ..~.J ~j 

5.0 

5. 1 

RADIAL OUTFLOW SINGLE DISC TURf31NE 

TURBINE DESCH.IIYflON 

The turbine eV.:1lu~1ted in this section is similar in design to the 
Ljungstrom turbine which, although uncommon in the U. S .. has received 
considerable .:1cceptance in Europe. The norm.:11 Ljungstrom turbine 11.:1s 
no stators, both sets of blades comprising a stage having opposite rotation. 
However, the turbine evaluated and discussed in this report is a single disc 
turbine wi th the second rotor fixed to form a st.:1tor. Thi s turbine is shown 
schematically in Figure 7. 

Steam flows from the center of the disc outward. so that as the steam 
density decreases a greater flow area is encountered because of the change 
in radius. In this way the change in blade height from the first to the last 
stages is minimized. The blade rows also must be properly designed so 
that the energy in the form of steam velocity leaving a rotating blade row is 
available to the following stator row. The method of analysis and predicted 
performance are presented in the following sections. 

5.2 PERFORMANCE EVALUATION 

The cycle evaluated was again the solar-assisted Rankine cycle which 
was evaluated with the conventional axial flow impulse turbine. The radial 
outflow au-bine \\'as evaluated at 1, 5, and 10 hp and 50,000 rpm in a five
stage and a six- stage configuration. 

5.2. 1 Assumptions 

A number of assumptions were made to facilitate evaluation of the 
radial outflow turbine, minimize leakage, and estimate a maximum overall 
turbine efficiency. A condition line describing the head drop per stage was 
evaluated. Equal head drop per sU'Ige such as was used with the axial flow 
configuration is not optimum for the r'adial flO\\' turbine. Because of the 
changing radius of the turbine stages, the optimum conditions line involves a 
trade-off between stage velocity ratio and leakage losses. Several condition 
lines were evaluated for the turbine and the values presented in this section 
resulted in the highest overall turbine efficiency. 

Two assumptions, which ease calculation of hydraulic efficiencies 
for each stage, are that the diameter and, therefore, rotor speed. which 
are increasing across the rotor blade tips, are taken as an average dia
meter and an average rotor tip speed at the center of the rotor chord. 

A further assumption that eased the calculation of rotor inlet and 
exit relative velocities was that the rotor blades were symmetrical and that 
the inlet and exit blade angles were therefore equal. 

The final assumption was that velocity utilization in succeeding stages 
from fluid exiting preceeding stages was 42%. This assumption corresponds 
to well-designed bhlde elements with l8rge angular deflection of the steam. 
This resulted in an increase in total enthalpy drop across stages 2 through 
5 or 6. 
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5.2.2 Methcx:l of Eva]uati on 

To evn]uate the performance of the rndinl outflow turhine a rotor Jin
meter nnd a m~lximum angular velocity were first selected. The Jianleter 
was selected based on tip speed of the last stage rotor. The tip speed was 
limited to 1500 ft/sec based on stress considerations. Diameters were cal
cu13tcd based on rotor speeds of 25,000 to 100,000 rpm. A disc friction or 
windage loss was then calculated from the expression 

where Kw 
Pe 
D 
U 
g 

Kw P e 02 U2 
HPd = g (550) 

= 
= 
= 
= 
= 

a constant equal to 0.001 
exit fluid density, typically O. 003 lbm Ift3 
rotor tip diameter 
rotor tip velocity in ft/sec 
32.2 ft/sec2 

Table IV shows values of windage horsepower loss as a function of 
rpm for a constant tip speed and 1500 ft/sec. Considering a minimum horse
power output of 1 hp, windage loss alone is seen to be 75-5% of the output 
power. High rotational speeds and small turbine diameters are therefore re
quired to achieve high efficiencies. Sufficient diameter is necessary, however. 
in order to utilize 5 or 6 stages while maintaining reasonable blade chords of 
0.2 inch or gTeater. It should be noted that maximum blade speeds less than 
1500 ft/sec consistently result in lower overall turbine efficiencies. Lower 
blade speeds require substantially more pressure compounded stages (8-10) 
to achieve optimum efficiency and the correspondingly larger wheel diameters 
result in increased parasitic loss as above. 

Based on the above analysis, a 6 inch diameter rotor disc was chosen 
and, to keep the tip speed below 1500 ft/sec, a rotational speed of 50.000 rpm 
was chosen. A five-stage and a six-stage turbine were analyzed. The aver
age diameter of each ring of rotor blades was calculated using the center of 
the chord of each stage blade ring as the average diameter for each stage. 
The average blade tip velocity was then calculated. A head drop across each 
stage was chosen based on considerations discussed in section 5. 1. 2. 1, the 
isentropic head drop from 1100°F and 89.7 psia to 1. 7 psia, and reheat based 
on the equations 

R = 1 + (R <::>0 - 1) (1 - 1.) (1 - 77 s ) 
n 0.2 

and .6.H' = R.6.H'id 

The total head drop across the first stage was set equal to the selected isen
tropic head drop since there was no velocity utilization from preceeding 
stages. 

A value of U/Co was then calculated from the equation 
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TABLE IV 

WINDAGE HORSEPOWER LOSS FOR RADIAL TURBINES 

N Diameter (max.) HPd 

25,000 13. 75 0.751 

50,000 6.88 O. 188 

75,000 4.58 0.083 

100,000 3.44 0.047 
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where 

UjCo =: UllVe 

j2g] 6.) 1 S'tot 

Uave 

6.Hs'tot 

=: 

=: 

a verllge velocity of the rotor 

total head drop across the stage 

A nozzle velocity coefficient (Vn) of 0.92, a rotor velocity coefficient 
( ~r) of O. 75, and a nozzle angle of 16° were chosen based on well-designed 
blade elements. The hydraubc efficiency of each stage was then determire d 
from the equation 

17H 
U 

=: 2 Co ( ¥J n Coso<.. - U jeo) (1 + If r), which is deri ved 

from the equation 

17 H =: 

where Co 
Ul 
CUI 
CU2 

=: 

=: 

=: 

=: 

2 Ul (CuI + CU2) 

Co2 

isentropic spouting velocity 
rotor blade veloci ty 
tangential component of inlet fluid velocity 
tangential component of exit fluid velocity 

The increase in head and the total head for the next stage were then 
calculated from the eA"})ressions 

6. HStot =: 6. Hs + 0.42 C32 j2gJ 

Where C3 is the absolute exit fluid velocity of the stage being examined, 

Cu~ +ca~ 

Where u3 is the tangential component and a3 is the radial component of 
fluid exit velocity, 

=: tr' n Co Coso<.. - '7 H gJ 6. H Stot 
Uave 

and Ca3 =: If n <fr Co Sin 0(. 

The actual head drop .61-Ia was then calculated from 

The above procedure was repeated for the remaining stages using the 6. Hstot 
instead of 6. HSisen and insuring thnt the fluid in the final stage expanded to 
1. 7 psia. 
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The overnll hydraulic efficiency was then calculated from the c.:xpression 

Y> _ E~IIa 
" Hovcrall - -~ I I 'jd 

5.2.3 Determination of Losses 

TIle losses that hav~ the greatest effect on the radial outflow turbine are 
disc friction or windage loss and lcnkage loss. The windage loss was evaluated 
using the cquation 

wl1ere 

where 

HPd 

Kw 
Pe 

0 
u 
g 

Pe 02u3 
= Kw 

g 550 

= 
= 

= 
= 
= 

a constant equal to 0.001 
exit density of the fluid leaving the last stage 
and is typically 0.003 Ibm/ft3 
rotor diameter 
rotor tip velocity 
32.2 ft/sec2 

The leakage loss was claculated using the equation 

G 
H 

'7 H 

HPI := GH (778)/17 H(550) 

= 
:= 

:= 

leakage in Ibm/sec 
total enthalpy drop across a stage 
hydraulic efficiency of the stage 

To determine the leakage loss, the chord length of a turbine blade 
was first calculated from the equation 

where °t 
Os 
n 
Cl 

ill - Os) _ (2n - 1) (Cl) 
2 

Chord Length = 
2n 

= 
= 
"" 
= 

rotor diameter 
shaft diameter 
number of stages 
clearance bet\veen rotor and stator blade rings 

Referring to Figure 9 of Egli (Ref. 6) for a staggered labyrinth, va lues 
of seal thickncss /')., seal clearance 6, and pitch s , \vere chosen based on 
the blade chord determined above. 

The labyrinth pressure ratio across each seal was calculated assuming 
that the pressure drop across each labyrinth was equa 1 to the stage pressure 
ratio. 

The cross sectional lcnkagc nrea of each seal was calculated from the 
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cqll~ltj on 

where 

where 

o 
6 

A = 7\Do 

= 
= 

a verage diameter of each stage 
seal clenrance 

The leaknge in Ibm/sec was then calculated from the equation 

A 
0<:. 

¢ 

~ 

Po 
11"'0 

G = Ao.(.¢~ 

= 

= 

= 

= 

= 
= 

Po 1/2 
(g-v:-) 

o 

seal leakage area 
flow coefficient for labyrinths with sharp edged 
strips and was determined from Figure 18 of 
Egli 
leakage function determi ned from Figure 7 of 
Egli 
a correction factor that corrects for non-idea 1 
labyrinths and was set equal to one. 
absolute pressure before the labyrinth 
specific volume before the labyrinth 

With values of G, H, and l'( H known for each stage, a horsepower loss 
due to leakage was then calculated for each stage using the equation for HP 1. 

5.2.4 Overall Turbine Performance 

To determine the overall efficiency of the turbine. an equation for over
all efficiency based on the expression 

Overall Efficiency = 
Actual Work 
Ideal Work 

was deri ved. The derivation resulted in the equation 

'7 Hoverall (DHP) 

where 

-rt overall = (DHP + L HP
I 

- HPd) 

'7 Hoverall = 

DHP 
L. I-lP 1 
HPd 

= 
= 
= 

the overall hydraulic efficiency determined from 

Desired horsepower output 
summmion of leakage losses in each stage 
windage loss 
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5.3 TURBINE PERFORMANCE EVALUATION 

The results of the turbine performance evaluation are presented in 
Table V. Since the axial turbo-exlxlnder performance was not evaluated at 
precisely the conditions listed in Table V, an approximate comparison can 
be presented. Comparing the six-srage, 1 hp, 50,000 rpm radial outflow 
turbine to the 1 hp, axial turbine with one stage at 50, 000 rpm and six 
stages at 90,000 rpm, the overall efficiencies of the axial turbines are 
38.3% and 54.9% respectively, comlll red to 23.8% for the radial outflow 
turbine. Based on these data and data for other combinations of stages, 
horsepower output and rpm, the efficiency of a six- stage, 1 hp, 50,000 rpm. 
axial turbine would be approximately 52%, or nearly tv'ii ce that of a radial 
outflow turbine operating under the same conditions. 

Basic problem s exist with the single disc radi al outflow turbi ne that 
limit the achievable efficiency of this concept. First, geometric considera
tions along with reasonable blade chords limit the number of stages that can 
be incorporated in the turbine design. Secondly, high windage loss com
paTed to the output power is the result of selecting adequate turbine rotor 
diameter to achieve reasonable stage numbers. These considerations are 
appaTent in the first stages where low stage velocity ratios result in low 
stage efficiency. 

Appendix II presents the detailed calculations for the two radial 
outflow turbines examined. 

6. 0 CONCLUSIONS 

1. High efficiency (greater than 70%) centrifugal compressors can be 
utilized over the range of conditions selected in this study. At very low 
capacities, approximately one ton AC, a maximum compressor efficiency 
of 65% was estimated. This causes a slight reduction in COPvc of from 
4 to 3.7. Matching characteristics between the vapor compressor and the 
turbine indicate optimum rotational speeds bet"veen 50-80,000 rpm for the 
range of power examined. 

2. Multi-stage axial flow turbines can be used for the selected cycle 
conditions to achieve efficiency levels greater than 80%. Regardless of 
the number of stages used, the minimum power level for \vhich 80% ef
ficiency can be achieved is approximately 20 hp. 

3. Multi-row, single disc turbines can be used to reduce expander 
cost for certain applications; however, in each case examined, a perfor
mance penalty was incurred by using a single disc rotor as compared to 
conventional axial flow stages. 

4. Advanced concept, low specific speed turbines can be used to im-
prove turbine efficiency at power levels below 20 hp. Development ri sk 
for these turbines must be considered high. 
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TABLE V 

Sl1MM AR Y OF RADIAL OUTFLOW TURI3lNE EFFICIENCY 

1 5 10 

Stages rpm -,?t rpm /f{t rpm ~t 

5 SO K 21. 9% 50 K 49.6% 50 K 58.9% 

6 SO K 23.8% 50 K 50.5% 50 K 58.7% 
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5. I3ased on the overall performance of the turbol11nchinery. the so131'-
assisted Rankine cycle appears best suited for cooling loads between IS and 
75 tons. Addjtional study \\QuId be needed to evaluate comparaUve costs 
and performance between conventional Rankine cycle, absorption machinery. 
and the solar-assisted approach at these higher cooling capacities .. 

6. An improved estimate of turbomachinery performance at one to three 
tons of air conditioning, and for the cycle conditions specified in the study 
may be summarized: 

a) Vapor compressor efficiency 
b) COP vapor cycle 
c) Turbo-expander efficiency 

= 
= 
= 

65% 
3.7 
70% 

With these values of efficiency, an improved evaluation of the solar-assisted 
Rankine cycle could be completed. 
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APPENDIX 

I Detailed Calculations for Six-Stage, 90,000 rpm, Axial Turbine at 

1 and 25 horsepower. 

II Detailed Calculations for Five and Six-Stage, 50,000 rpm, Radial 

Outflow Turbine at 1, 5, and 10 horsepower. 

III Coefficient of Performance of Rankine System. 

IV Vapor Compressor Operating Characteristics. 
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SIX STAGE 90.000 RPM TURBINE 

PERFORMANCE @ 1 AND 25 hp 

Speed 90. 000 rpm 
Stages 6 
bp 1 and 25 

PI = 89.64 psia 
Tl = 11000F 
P7 = 1. 7 psia 

TIl = T12 = 320°F 
T8 = T9 = 120°F 

From MoIller Diagram 

T T7 1 = 170°F 
HI = 1584 Btu/Ibm 

7 
H7 1 = 1136 Btu/Ibm 

H' id = 448 Btu/Ibm 

S 1 hp Turbine 

Assume a first stage and overall efficiency of 60%. 

R = 1 + (Roe - 1) (1 - l/n) ((1 -'le)/0~2] = 1 + (1.09 ~ 1) (1 - 1/6) [(1-0.6)/0.2] = 1.15 

HI/stage = (R.6.~d/n) = [1.15(448)/6] = 85.862 Btu/Ibm 

W = [HP(550) / rz eh.H'id (778)] = [1(550) /0.6(448)(778)] = 0.0026 Ib/ sec 

from the Molller Diagram with an isentropic drop in H of 85.862; P 2 = 52 psia 

H2e = HI - ~ eh.H' = 1584-0.6(85.862) = 1532.48 

Qe = 1re w= 16.62(0.0026) = 0.0433 ft3/ sec 

Ns = NJQe/<lUI'ids J)3/4 = 90.000(0.0433)1/2/[(85.862)(778)]3/4 = 4.505 

Assume U/Co = 0.375 '1 D = 0.55 

Ds = (U /Co) (154)/Ns = 0.375(154) 14.505 = 12.82 

U = (U ICo) J2gJ.6.H ' ids = 0.375 (2) (32.2) (778) (85. 862) 

= 0.375 (2074.14) = 777.80 ft/sec 

:O' 17 I 'I D (U /Co) :< 1 

Dia = U(720)/7TN = 777.80(720)/11'(90.000) = 1.981 inches 

Re* = U/12 (Diap/}(g) = 777.80(1.981)/ 12(16.62)(6.3 x 10-7)(32.2) = 3.81 x 105 

/. Yl/ '1 D(Re*) = 0.89 

from Mach Tables @ y= 1.3 and PR = P2/Pl = 52/89.64 = 0.5801 ; M' = 0.945 
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AMR = O. 94[1-(U/Co)] M' = 0.94 0-0.375)(0.945) = 0.555 

/ Q V'/I 7 D (AMR) = 1 

hID = 0.018 

h = 0.018 (1.981) = 0.0357 inches 

'1 s = '1 D['lIf/D(U/Co)]['7I'lD(Re*)][t7/t']D(AMR)] 

= 0.55 (1) (0. 89) (1) = 0.4895 

Hea = HI -? ::,AH' = 1584 - 0.4895 (85. 862) = 1541. 97 

.6.Ha =?gAH' = 0.4895 (85. 862) = 42.029 

Assume a 2nd stage efficiency of 50% 

H3e = 1541. 97 - 0.5 (85.862) = 1499.04 

from Mollier Diagram with an isentropic drop in H of 85.862 ; P3 = 29.5 psia 

Qe = Yew = 28.06 (0.0026) = O. 0730 ft 31 sec 

Ns = 90(0.270)/4.155 = 5.851 

'I D = 0.59 Assume a U ICo = O. 396 

Ds = 0/396 (154) 15.851 = 10.423 

U = 0.396 (2074.14) = 821. 36 ft/sec 

0°. 11f'/D (U/eo) = 1 

Dia = 821. 36 (720) 111' (90. 000) = 2~ 09 inches 

Re* = 821. 36 (2.09) I 12 (28. 06) (5. 9 x 10-7) (32. 2) = 2.68 x 105 

.... " '11 rz D (Re*) = 0.85 

from Mach Tables @ ¥= 1. 3 and P R = P3/P2 = 29.5/52 = 0.5673 ; M' = 0.965 

AMR = 0.94 (1- 0.396) (0.965) = 0.548 

0"" ~ Iqn(AMR) = 1 

hID = 0.02 
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h = 0.02 (2.09) = 0.0418 inches 

0/0 leakage = Cl/h (100) = 0.005/0.0418 (100) = 11.960/0 

'1 s = 0.59 (1)(0.85) (1) (1- 0.1196) : 0.4415 

Hea: H2 - (1s/ 1 - L ).6.HI = 1541.97 - (0.4415/1-0.1196)(85.862): 1498.89 

.6.Ha: rz sAHI = 0.4415 (85.862) = 37.91 

Assume a 3rd stage efficiency of 500/0 

He4 = 1498.89 - O. 5 (85. 862) = 1455.63 

from Mol1ier Diagram with isentropic drop in H of 85.862 ; P 4 : 16.2 psia 

Qe : '?lew = 48.56 (0.0026) : O. 126 ft3 / sec 

Ns = 90(0.335)/4.155 = 7.696 

t'/D:0.63 AssumeU/Co: 0.427 

Ds = 0.427 (154) /7.696 = 8.544 

U = 0.427 (2074. 14) = 885.66 ft/ sec 

Dia = 885.66 (720)/1T'(90, 000) : 2.255 inches 

Re* = 885.66 (2. 255)/ 12 (48. 56) (5.5 x 10-7) (32.2) = 1.936 x 105 

•• ~ t1 /qn (Re*) = 0.84 

from Mach Tables @ ·t= 1.3 and PR = P 4/P3 = 16.2/29.5 : 0.5492 ; MI = 0.994 

AMR : 0.94 (1 - 0.427) (0.994) : 0.535 

.·0 q/qD(AMR) = 1 

hID = 0.022 

h = 0.022 (2.255) = 0.0496 inches 

0/0 leakage = 0.005/0.0496 (100) = 10.080/0 

~ s = 0.63 (1)(0.84)( 1)(0.899) = 0.4759 

Hea = 1498.89 - (0.4759/0.899) 85.862 = 1453.44 

AHa = 0.4759 (85.962) = 40.858 
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Assume a 4th stage efficiency of 500/0 

Re5 = 1453.44 - 0.5 (85. 862) = 1410.51 

from Mollier Diagram with isentropic drop in R of 85.862 ; P 5 = 8.5 psia 

Qe ='Vew = 84.97(0.0026) = 0.221 ft3/ sec 

Ns = 90 (0.470) /4.155 = 10. 181 

Ds = 5.70 Yf D = 0.665 

U /Co = NsDs/154 = 10. 181 (5.70) /154 = O. 377 

U = 0.377 (2074.14) = 781. 95 ft/sec 

.. ~ 'l/'ID (U /Co) = 1 

Dia = 781. 95 (720) /fl'(90 .. 000) = 1. 99 inches 

Re* = 781.95 (1. 99)/12 (84.97) (5.1 x 10-7) (32. 2) = 0.929 x 105 

• -. '</'ID (Re~!<) = 0.725 

from Mach Tables @ t= 1.3 and PR = P5/P4 = 8.5/16.2 = 0.52469; M' = 1.034 

AMR = 0.94 (1 - O. 377) (1.034) = 0.606 

., •• Yj /qD (AMR) = 1 

hID = 0.028 h = 0.028 (1. 99) = 0.0557 inches 

% leakage = 0.005/0.0557 (100) = 8.98% 

~ s = 0.665 (1) (0. 725) (1) (0.910) = 0.4388 

Rea = 1453.44 - (0.4388/0.910) 85.862 = 1412.03 

6Ra = 0.4388 (85. 862) = 37.676 

Assume a 5th stage efficiency of 45% 

Re6 = 1412.03 - 0.45 (85.862) = 1373.39 

from Mollier Diagram for an isentropic drop in H of 85.862 ; P6 = 4.25 psia 

Qe =7i'ew = 161. 21 (0. 0026) = 0.419 ft3/ sec 
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Ns = 90 (0.647) / 4. 155 = 14.023 

Ds = 4.20 Yl D = 0.70 

U/Co = 14.023(4.20)/154 = 0.382 

U = 0.382 (2074. 14) = 793.27 ft/sec 

Dia = 793.27 (720) /11'(90.000) = 2.02 inches 

Re>.'< = 793.27 (2.02)/12 (161. 21)(4. 7 x 10-7)(32.2) = 0.547 x 105 

••• 'l/1D (Re*) = 0.68 

from Mach Tables @ '2(= 1. 3 and PR = P 6 /P5 = 4.25/8.5 = 0.5000 ; M' = 1. 075 

AMR = 0.94(1- 0.382)(1.075) = 0.624 

/ .. ~ /~D (AMR) = 1 

hID = 0.035 h = 0.035 (2. 02) = 0.0707 inches 

% leakage = 0.0'05/ 0.0707 (100) = 7.072% 

1 s = 0.70 (1) (0.68) (1) (0. 929) = 0.4423 

Hea = 1412.03 - (0.4423/0.929) 85.862 = 1371.15 

aHa = 0.4423 (85.862) = 37.98 

Assume a 6th stage efficiency of 45% 

from Mollier Diagram with isentropic pressure drop to P 7 = 1. 7 psia 

AH' = 1371.154 - 1270.00 = 101. 154 

He6 = 1371. 154 - 0.45 (101. 154) = 1325.635 

Qe = Ve~ = 363.57 (0.0026) = O. 945 ft3/ sec 

Ns = 90(0.972)/4.70 = 18.613 

Ds = 3.40 t7D = 0'.727 

U/Co = 18.613(3.40')/154 = 0'.411 

U = 0'.411 (2251. 253) = 925.265 ft/ sec 
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.e. '1/'ln (U / Co) = 1 

Dia = 925.265 (720) /17'(90.000) = 2.356 inches 

Re* = 925.265 (2.356) /12 (363.57) (4.3 x 10-7) (32.2) = 0.361 x 105 

:. ~ /~n (Re*) = 0.70 

from Mach Tables @ r= 1.3 and P R = P 7 /P6 = 1.7/4.25 = 0.4000 ; M' = 1.250 

AMR = 0.94 (1 - 0.411) (1.250) = 0.692 

/. ~ /'In (AMR) = 1 

h/n = 0.055 h = 0.055 (2. 356) = O. 1296 inches 

% leakage = 0.005/0.1296 (100) = 3.858% 

1 s = 0.727 (1) (0. 70) (1)(0. 961) = 0.4893 

Hea = 1371.154 - (0.4893/0.961) 101.154 = 1319.651 

~Ha = 0.4893(101. 154) = 49.491 

1 overall = (49.491 + 37.980 + 37.676 + 40.858 + 37.908 + 42.029) / 448 

= 245.342/448 = 0.5490 = 54.90% 

25 hp Turbine 

Assume a 1st stage and an overall efficiency of 700/0 

R = 1 + (1.09 - 1)[1 - (1/6)] [(1-0.7)/0.2] = 1.112 

.6.H' /stage = 1.112 (448)/6 = 83.029 Btu/Ibm 

W = 25 (550)/ 0.7(448) (778) = 0.0564 lb/sec 

H2e = 1584 - 0.70 (83.029) = 1525.88 

from Mollier Diagram with isentropic drop in H of 83.029 Btu/Ibm; P2 = 53 psia 

Qe = ·V"ew = 16.25 (0.0564) = 0.9165 ft3f sec 

Ns = 90(0.957)/4.05 = 21. 267 

Ds = 30 10 '1 D = O. 740 
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U Ico = 21. 267 (3. 10) 1154 = 0.428 

U = 0.428 /2 (32. 2) (778) (83. 029) = 0.428 (2039. 6) = 873.14 ft/sec 

.... '11 if D (U I Co) = 1 

Dia = 873.14 (720) 1"{90. 000) = 2.22 inches 

Re* = 873. 14 (2.22)/ 12 (16. 25) (6. 2 x 10-7) (32. 2) = 4.99 x 105 

: .. '21 tt D (Re*) = O. 94 

from Mach Tables @ t'= 1.3 and PR = P2/Pl = 53/89.64 = 0.5913 ; M' = 0.927 

AMR = 0.94 (1 - O. 428) (0.927) = 0.498 

••• '11'1 D (AMR) = 1 

hID = 0.060 h = 0.060 (2. 22) = O. 133 inches 

1s = 0.740(1){0.94){1) = .6956 

Hea = 1584 - 0.6956 (83. 029) = 1526.245 

AHa = 0.6956 (83.029) = 57.755 

Assume a 2nd stage efficiency of 70% 

H3e = 1526.245 - O. 7q83. 029) = 1468.125 

from Mollier Diagram with isentropic drop in H of 83.029 Btu/lbm ; P3 = 31 psia 

.. 31 Qe = 1rew = 25.5 (O. 0564) = 1.438 ft sec 

Ns = 90 {I. 199)/4.05 = 26.644 

Ds = 2.65 fin = 0.758 

U ICo = 26.644 (2. 65)/ 154 = ,0. 458 

U = 0.458 (2039.6) = 935. 14 ftl sec 

:. '11 'l D (U ICo) = 1 

Dia = 935. 14 (720) 1fr'(90. 000) = 2.381 inches 

Re* = 935. 14 (2. 381) 112 (25.5) (5.7 x 10-7) (32.2) = 3.96 x 105 

:c 'il fl D (Re*) = O. 94 
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from Mach Tables @ (': 1.3 and PR = P 3 /P2 = 31/53 = 0.5849 ; M' = 0.938 

AMR = 0.94 (1 - 0.458) (0.938) = 0.4779 

• eo 'l/flD (AMR) = 1 

hID = 0.065 h = 0.065 (2.381) = 0.1548 inches 

% leakage = 0.005/0.1548 (100) = 3.23% 

? s = 0.758 (1)(0.94)(1) (0.968) = 0.6895 

Rea = 1526.245 - (0.6895/0.968) (83. 029) = 1467.104 

~Ra = 0.6895 (83.029) = 57.249 

Assume a 3rd stage efficiency of 72% 

Re4 = 1467.104 - 0.72 (83. 029) = 1407.323 

from Mollier Diagram with an isentropic drop in R of 83.029 Btu/Ibm; P 4 = 17 psia 

Qe =&rew = 42.24 (0.0564) = 2.382 ft 3 / sec 

Ns = 90(1.543)/4.05 = 34.298 

Ds = 2.25 r'l D = 0.780 

U/Co = 34.298(2.25}/154 = 0.5011 

U = 0.5011 (2039. 6) = 1022.05 ft/ sec 

.. ". y{ /"'/D (U / Co) = 1 

Dia = 1022.05 (720) /tr(90. 000) = 2.603 inches 

Re* = 1022.05 (2. 603}/12 (42. 24) (5.1 x 10-7) (32. 2) = 3.20 x 105 

.. '". 'V'7D (Re*) = O. 95 

from Mach Tables @ r= 1.3 and P R = P 4/P3 = 17/31 = 0.5484 ; M' = 0.996 

AMR = 0.94 (1- O. 5011}(0. 996) = 0.4671 

• eo r'l /'iD (AMR) = 1 

hID = 0.067 h = 0.067 (2. 603) = 0.1744 inches 
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0/0 leakage = 0.005/0.1744(100) = 2.87% 

'Is = 0.780(1)(0.95)(1)(0.971) = 0.7198 

Hea = 1467. 104 - (0.7198/0.971) (83.029) = 1405.55 

aHa = 0.7198 (83.029) = 59.761 

Assume a 4th stage efficiency of 73% 

He5 = 1405.55 - 0.73 (83.029) = 1344.939 

from Mollier Diagram with isentropic drop in H of 83.029 Btu/lbin ; P 5 = 8.6 psia 

• 31 Qe = Yew = 75.51 (0. 0564) = 4.259 ft sec 

Ns = 90 (2.06) 14.05 = 45.862 

Ds = 1. 82 ?D = 0.800 

u/Co = 45.862 (1. 82)1 154 = 0.542 

u = 0.542 (2039. 6) = 1105.47 ftl sec 

• -.. q If/D(U ICo) = 1 

Dia = 1105.47 (720) Irr(90, 000) = 2.815 inches 

Re* = 1105.47 (2.815)/ 12 (75. 50) (4.5 x 10-7) (32. 2) = 2.37 x 105 

• -. t( IqD(Re*) = 0.96 

from Mach Tables @ <f= 1. 3 and P R = P5/P 4 = 8.6/17 = 0.5059 ; M' = 1.066 

AMR = 0.94 (1 - 0.542)(1.066) = 0.459 

• ',. ~ ItzD (AMR) = 1 

hID = 0.060 h = 0.060 (2. 815) = 0.1689 inches 

% leakage = 0.005/0. 1689 (100) = 2.96% 

7 s = 0.80 (1)(0.96) (1)(0.971) = 0.7461 

Hea = 1405.55 - (0.7461/0.971) (83.029) = 1341.752 

aHa = 0.7461 (83. 029) = 61.945 
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Assume a 5th stage efficiency of 76% 

Re6 = 1341. 752 - 0.76 (83. 029) = 1278.65 

from Mollier Di agram with an isentropic drop in H of 83.029 Btu/Ibm; P 6 = 4 psia 

Qe = 1Te~ = 139.80(0 .. 0564) = 7 .. 884 ft3/ sec 

Ns = 90(2.81)/4.05 = 62.40 

Ds = 1. 50 t( D= 0.825 

D/Co = 62040(1. 50)/154 = 0.608 

u = 0.608 (2039. 6) = 1239.64 ft/sec 

Dia = 1239.64 (720) /rr(90, 000) = 3.16 inches 

Re':< = 1239.64(3.16)/12(139.80)(3 .. 9 x 10-7)(32.2) = 1.91 x 105 

<II"" 7/?D (Re*) = O. 94 

from Mach Tables @ 't'= 1. 3 and PR = P6/P5 = 4.0/8.6 = 0.4651 ; M' = 1. 135 

AMR = 0.94 (1 - O. 608)( 1. 135) = 0.418 

1/ <Ie rz /?D (AMR) = 1 

hID = 0.080 h = 0.080 (3.16) = 0.253 inches 

% leakage = 0.005/ 0.253 (100) = 1.98% 

1 s = 0.825 (1) (0.94) (1) (0.98) = 0.7602 

Rea = 13410 752 - (0.7602/0.98) (83.029) = 1277.345 

b.Ha = 0.7602 (83.029) = 63. 116 

Assume a 6th stage efficiency of 80% 

Expanding isentropically to 1. 7 psia, from the Mollier Diagram 
.6.H', = 1277.345 - 1198 = 79.345 

Re7 = 1277.345 - 0.80(79.345) = 1213.869 

Qe = 7fe;" = 279.98 (0. 0564) = 15.791 ft3/ sec 

Ns = 90(3.974)/3.915 = 91.356 
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Ds = 1.27 f/D = 0.847 

U/Co = 91.356 (1.27)/154 = 0.7534 

U = 0.7534 (1993.850) = 1502. 167 ftl sec 

since U 1500 set U = 1500 and recompute U ICo 

u/Co = 1500/1993.85 = 0.7523 and (U/Co)/(U/CD) = 0.7523/0.7534 = 0.998 

•• , ~/?n (u/Co) = 1 

Dia = 150CX720)/1T(90. 000) = 3.82 inches 

Re* = 1500 (3.82)/ 12 (279.98) (3. 2 x 10-7)(32.2) = 1. 655 x 105 

c'~ ~ /I'{D (Re>.'<) = O. 96 

from Mach Tables @ Y= 1. 3 and PR = P 7 /P6 = 1.7/4 = 0.425 ; M' = 1. 210 

AMR = 0.941 (1 - O. 7523) (1. 210) = 0.280 

hID = 0.15 h= O. 15 (3. 82) = 0.573 inches 

% leakage = 0.005/0.573 (100) = 0.874 % 

15 = 0.847(1)(0.96)(1)(0.99) = 0.8060 

Rea = 1277.345 - (0.8060/0.99)(79.345) = 1212.747 

AHa = 0.8060 (79.345) = 63.954 

?overall = (63.954 + 63.116 + 61.945 + 59.761 + 57.249 + 57.755)/448 

= 363.780/448 = 0.8120 or 81.20% 
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Appendix n 

LTUNGSTROM TURBINE I 

(Radial Outflow) 

5 Stage; 50.000 rpm ; tfN = 0.92; 'fR = 0.75 ;0(= 16 0 

Stage No. 1 2 3 4 5 

Avg. Dia. 1. 954 2.898 3.842 4.786 5.730 

Avg. Ut 426 632 838 1044 1250 

.6.Hs isen 130.00 60.00 75.00 100.00 150.18 

AHs tot 130.00 69.51 76.20 101.;40 152.64 

U/Co 0.167 0.339 0.429 0.463 0.452 

'lH 0.419 0.647 0.684 0.683 0.684 

Cn3 948.12 132.23 -170.15 -331.62 -352.78 

Ca3 485.34 354.89 371. 53 428.64 525.90 

C3 1065.12 378.73 408.68 541.94 633.27 

P2 39 26.5 15.5 7.1 1.7 

T2 992 903 799 657 437 

pexit 0.0452 0.0327 0.0207 0.0105 0.0032 

He 1529.53 1484.56 1432.44 1363.18 1258.77 

He' 1454.00 1469.53 1409.56 1332.44 1213.0 

AHa 54.47 44.97 52.12 69.26 104.41 

1H overall = 325.23/448 = 0.7260 = 72.60% 

Chord Length = [[(Dt - Ds)/2] - 9 (Ce)]/I0 = [[(5.98 -1)12] - 9 (0. 030)]/10 = 0.222 

r-----" -L O. 020 --I I-A 

I-----fl T A ~ 6 
_. ~-L 

r-------.I • 
__ ---,.. -0.0305 
r IT 

-r 
0.222 

1 
A= 0.020 £= 0.002 0(= 0.97 r= 1.00 
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0 c·C'! 
~~j U .,.,/ ':·1 U ) ~-~ 

[J c.-'::'" \) 

Stage No. 1 2 3 4 

A 0.0123 0.0182 0.0241 0.0301 

Pn/Po 0.4351 0.6795 0.5849 0.4581 

'/J 0.39 0.33 0.36 0.385 

G 0 0.0037 0.0037 0.0030 

Windage loss 

HPd = Kw( plg)(D2U3/550} 

HP d = {O. 001 (0. 0032) (5. 73}2 (1250. 1}1/ (32. 2) (144) (550) = 0.081 

HPI = GH (778) Ib'lH (550) 

Stage No. 1 2 3 4 

o 0.485 0.574 0.621 

2:: HPI = 0.485 + 0.574 + 0.621 + 0.559 = 2.239 

1 horsepower 

q overall = (0.726) (1}/1 + 2.239 + 0.081 = 0.2187 

5 horsepower 

~ overall = (0. 726) (5) I 5 + 2.239 + 0.081 = 0.4959 

10 horsepower 

q overall = (0.726) (10}/10 + 2.239 + 0.081 = 0.5893 
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LJUNGSTROM TURBINE 

(Radial Outflow) 

Six Stage; 50,000 rpm : IfN • 0.92 ; fR Ii: 0.75 : 0(= 160 

Stage No. 1 2 3 4 

Avg Dia 1.790 2.578 3.366 4.154 

Avg Ut 390.5 562.4 734.3 906.3 

.6.Hs isen 108.0 50.00 62.47 73.30 

AHs tot 108.0 57.84 63.53 74.35 

U/Co 0.168 0.330 0.412 0.470 

qH 0.421 0.641 0.681 0.682 

CU3 860.30 145.33 -101.33 -305.55 

Ca3 442.37 323.'13 339.28 367.04 

Cs 967.37 354.85 354.09 477.58 

P2 45 23 15 8.8 

T2 1010 936 850 748 

pexit 0.0515 0.0277 0.0192 0.0125 

He 1538.53 1501.45 1458.19 1407.48 

He' 1476.00 1488.53 1438.98 1384.89 

AHa 45.47 37.08 43.26 50.71 

19.425 36.106 51.955 79.84 

'lH overall = 314.12/448 = 0.7012 = 70.120/0 

Chord length for six stage radial flow turbine 

5 

4.942 

1078.2 

83.30 

85.21 

0.522 

0.'100 

-516.11 

392.93 

648.66 

4.5 

625 

0.0070 

1347.83 

1324.18 

59.65 

143.54 

I I 5.98" dia. ~ I 
' 1" dia 

i-'-~=-dJ · 

6 

5.730 

1250.1 

107.83 

111.36 

0.529 

0.700 

-620.69 

449.19 

766.16 

1.7 

460 

0.0031 

1269.88 

1240.00 

77.95 

322.11 

Chord = [[(Dt - Ds)/2] -11 (CI)] /12 = [[(5.98 = 1.00)/2] -11 (0.030)] /12 =0.180 inches 

XBL 7711·11302 
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T ~--..JI ~ O. 020 

0.180 

1 "--.ILL 
0.033 

"--_...Jlt "',""'" 
A = 7rDc5 D( = 0.97 ~= 1.00 A= 0.020 8 = 0.002 

Stage No. 1 2 3 4 5 6 

A 0.0112 0.0162 0.0211 0.026 0.0311 0.0360 

0.502 0.511 0.652 0.587 0.511 0.378 

0.42 0.41 0.37 0.39 0.41 0.435 

G o 0.0046 0.0029 0.0025 0.0019 0.0013 

HPI = GH (778)/ '7H (550) 

Stage No. 1 2 3 4 5 6 

o 0.508 0.376 0.380 0.320 0.283 

~HPI = 1.867 

HPd = 0.00l( 0.003)/32.2 (550) [(5.73/12)2) (1250.1)3 = 0.076 

1 horsepower 

t( overall = (0.7012)(1)/1 + 1.867 + 0.076 = 0.2383 

5 horsepower 

f'loverall = (0.7012) (5)/ 5 + 1.867 + 0.076 = 0.505 

10 horsepower 

'1 overall = (0.7012) (10)/ 10 + 1.867 + 0.076 = 0.5871 

-45-



Appendix ill 

COEFFICIENT OF PERFORMANCE OF RANKINE SYSTEM 

The Rankine cycle system COP was evaluated for the one and four 
stage axial turbines at I., 3., 25., and 75 tons refrigeration capacity and for 
the six stage radial outflow turbine at 1. 3., and 10 tons refrigeration capa
city. 

The Rankine cycle conditions used for this evaluation were as follows: 

Tin max = 11000 F 
T evap = 3200 F 
T cond = 1200 F 
Drive efficiency. rz D = 1.0 
Feed pump efficiency., Y'/p = 0.60 
Fuel burner efficiency., t?B = 0.86 
Regenerator temp. differential = 50~ 

COPVC for 1 - 3 tons = 3. 7 
COPVC for>3 tons = 4.0 

System capacity was converted to shaft horsepower using the equation: 

hp/ton = 4.715/COPVC 

At the horsepower values corresponding to the above capacities turbine effi
ciency for the axial turbines were obtained from Figure 3 and from Table 5 
for the radial outflow turbine. 

Using these values of turbine efficiency. the values of pump and burner 
efficiency stated above and the cycle conditions. the Rankine cycle efficiency 
at various refrigeration capacities was obtained from the equation: 

?RC = [t?t6h' -A~] / [(6h/ '1B) +Ahs -AhR -6hp l and 

6hp = (Psat - Pcond) (144)/(pcond) (778) YJP 

where: 'flt = turbine efficiency 
.6.h' = isentropic head drop across the turbine 
Ah = enthalpy change of superheated vapor 
.6.hs = enthalpy change from saturated liquid @ 1200 F to 

saturated vapor @ 3200 F 
Il h R = enthalpy change in regenerator 
Psat = evaporator pressure 
Pcond = condenser pressure 
pcond = density of saturated liquid in condenser 
'1 p = pump efficiency 
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o u 
'7 B = fuel burner efficiency 

Ahp = enthalpy change across the feed pump 

These Rankine cycle efficiencies were then used in the following 
equation to determine the coefficient of performance of the Rankine system 
as a function of refrigeration capacity. 

COPRV = '7RC 10 COPVC 

The values of COPRV and r'lRC for the three turbines were then 
plotted as a function of system capacity. This plot is shown in Figure ill-l. 
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Solar Powered Refrigeration Hachines 

-48-



Appendix IV 

VAPOR COMPRESSOR OPERATING CHARACTERISTICS 

A preliminary evaluation of performance and size for a high speed single 
stage vapor compressor was completed. The compressor was sized for 
capacity and speed consistant with nominal turbine design conditions estab
lished in this report. The performance evaluation utilized a 450 F evaporator 
and 1200 F condenser and the air conditioning cycle working fluid was selected 
depending on capacity and desired compressor speed characteristics. 

Figures 1 and 2 present results of this evaluation for cooling capacities up to 
15 tons. The analysis involved calculating compressor specific speed (based 
on exit volume flow) to determine optimum achievable efficiency: Loss fac
tors were then estimated based on compressor size (Reynolds number effects) 
and impeller tip speed (rotor tip Mach number). Also shown in Figure 1 is 
the effiCiency of a single stage 3 ton compressor designed and tested by Bar
ber-Nichols. 

Similar analysis at greater capacity showed that R-12 could be selected to 
yield acceptable centrifugal compressor design parameters in the range of 
compressor speed of 50.000 to 90.000 rpm. A detailed analysis of specific 
applications would be needed to optimize turbo compressor speed for peak 
system performance. Results of this analysis do indicate. however. iliat 
ilie speeds and power levels selected for the turbine analysis yield reason
able compressor design parameters for the cases examined. 
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